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Durability 
of 

Spiral-Bevel Gears for Automobiles 
Part One 

By J. 0. Almen 

Fig. I-Special type of rear axle equipment used by G-M 
Research Division in durability tests. 

T
HE cause of failure of gears in 
service varies with the type of 
gears and with the service they 

perform but, in general, failure is due 
to tooth breakage, to the destruction of 
the tooth surfaces by wear of several 
kinds, and to pitting. For the past 
eight years, General Motors Research 
Division has made an organized effort 
to determine the causes of failure in 
automobile gears and to find practical 
remedies. In the course of this investi
gation, laboratory breakdown tests 
have been run on some four hundred 

automobile and truck rear axles, and 
thousands of service records have been 
examined for the purpose of correlating 
the laboratory tests and the perform-
2nce of the gears in normal service. 
This study has led to some definite con
clusions, particularly for spiral-bevel 
rear-axle gears, but it is probable that 
many of the factors that influence the 
service life of such gears will apply 
also to gear sets in general. 

It has been found that gear-tooth 
breakage in service is due to fatigue, 
and that this fact provides data for 

more accurate tooth stress calculation 
than has been possible heretofore. De
struction of rear-axle gear-t.ooth . sur
faces by scoring is due io welding o1 
small areas of the mating teeth under 
the influence of nigh pressure and high 
tempers.ture. Pitting resu!t1- from fa
tigue of the tooth surface due to re
peated high compressive stresses , and 
is of the same nature as is eneountered 
in ball and roller hearings. 

Of the alloy steei s nn<l het,t treat
ments that have been used for carbu
rized automobile rear-axl e jsf!llff;. one 



cannot be shown to be superior to an
other, except for warping tt!ndencies 
and consequent variation in stress con
centration. 

The potential load-carrying capacity 
of automobile gear teeth is not realized, 
due to stress concentrations resulting 
from deflection of the gears and their 
supports, unequal tooth spacing, eccen
tric and wabble mounting, etc. 

Axle-Testing Equipment 
The specialized type of rear axle

testing equipment used by General Mo
tors Research Division is shown in Fig. 
1. The propeller shaft of the rear axle 
undergoing test is coupled to a large 
direct-current, cradled dynamometer 
capable of 1570 lb.-ft. torque. The axle 
shafts of the rear axle are connected to 
two cradle-mounted alternating-current 
power-absorption units through a 13.66 
to 1 speed increasing gear. This speed
increasing gear is made from a com
mercial worm-gear truck axle in which 
the worm wheel is used as the driving 
member and the worm as the driven 
member. A ten-pole alternator is 
mounted directly on each of the worm 
shafts. During tests, the alternators 
are usually run at 720 r.p.m., which 
results in synchronism with the alter
nating-current supply to which they 
are connected. This not only provides 
simple speed control means, but has 
the further advantage of reducing the 
current consumption through regenera
tion. 

The load applied to the axle gear 
during the test is usually equal to maxi
mum torque of the engine multiplied by 
the transmission low-gear ratio, that is, 
approximately three times maximum 
engine torque. The test at this load is 
continued until failure occurs, which, in 
practically all cases, is by breakage of 
one or more pinion teeth. Records are 
kept of the propeller-shaft }gad, axle
shaft loads, oil temperature and the 
number of revolutions of the prc>pellei· 
shaft during the test. It is customary 
to run at least three axles of each de
sign. The average duration of these 
runs is considered a measure of the 
relative merit of the axle for direct 
comparison purposes. As a :fatigue 
value, it is, of course, always better to 
use an average of several tests than to 
rely upon a single specimen. In the 
accom·panying charts, each plotte.d point 
is, therefore, in most cases, an average 
of results from three or more axles. 

It is not generally realized that no 
form of test short of operation in 
actual service will produce reliable 
data. When all the test conditions are 
made to faithfully reproducce actual 
service conditions for the rear axle, it 
will be found that not only must com
plete vehicles be used, but they must 
include driving the vehicle under all 
conditions of roads and loads, including 

the type of driving that is usually con
sidered abusive, such as driving through 
deep mud or sand, carrying large over
loads, etc. It will not suffice that the 
test be conducted by a test <lriver, since 
the proper proportions in various types 
of service will only be found through 
records of owner-driven cars. These 
data must be accumulated in the same 
manner as mortality tables are accu
mulated for the calculation of insurance 
rates, with tbe difference that the auto
mobile designer does not have the 
privilege of eliminating the . poor risks, 
that is, the abusive driver. · 

Efforts to draw conclusions from 
arbitrary laboratory tests all too fre
quently lead to misconceptions of de
sign and material requirements that 
persist for long periods. An example is 
found in the long-held belief that axle
gear failure in service was due to shock 
loading, with the consequence that tests 
and material specifications were drawn 
to meet conditions that did not exist in 
service, as will be discussed. 

Same years ago, Buckinghamt sug
gested the general theory that gears in 
some types of high-speed service are 
subjected to high impact loads due to 
oscillation of the gears, and that gear
fatig.ue failure is often due to the 
overstress resulting from such shock 
load:;;, rather than to the normal driv
ing loads. 

Elastic Characteristics 
To determine whether such impact 

loads were contributing to automobile 
rear-axle failures, measurements were 
made of the elastic characteristics of 
the rear-axle structure, from the front 
end of the propeller shaft to the road 
tires. It was found that the elasticity 
in this driving train, relative to the mo
ment of inertia of the gears, is such as
to make impact loading of the type 
described by Buckingham practically 
impossible in automobile rear-axle 
gears. Furthermore, the bulk of rear
axlc gear failures in service were found 
to originate in a few isolated sections 
of the country during the spring and 
fall seasons. Their geographical dis
tribution and seasonal character indi
cated hard pulling rather than fast 
driving as the reason for failure. How
ever, as a further check for impact load
ing, road tests were conducted with 
telephone receivers coupled across the 
gear teeth, which showed continuous 
closed circuit under all driving condi
tions, except when the torque was 
reversed. 

In the beginning, the tests herein 
reported were conducted for the Gen
eral Motors car divisions merely as 
routine durability (or breakdown) 
tests, without any detailed considera
tion as to the manner of gear-tooth 
failure or to the factors influencing this 
failure. The main purpose of the test 

was to establish the durability of a new 
design relative to a past design on 
which service experience data had been 
compiled. Initially, then, the proce
dure was simply a matter of orderly 
recording and study of test data. As 
the tests progressed, however, it be
came apparent that many popular con
ceptions of materials. and design did not 
agree with test results. The formula 
in general use for calculating bending 
stress in gear teeth was found unre
iiable. No consistent difference could 
be found among the various steels and 
heat treatments used in production. As 
later analyzed, variations in stress con
centration due to deflections, tooth 
forms, machining scratches, etc., had so 
great an effect on fatigue resistance as 
to obscure the effects of various alloys 
and heat treatments. Laboratory tests 
on standard specimens were not in 
quantitative, and few in qualitative, 
agreement with these tests on gears. 

It must be emphasized that, at the 
time this type of breakdown-test equip
ment was first put into operation, it 
was not generally recognized that nor
mal pinion-tooth failures in service 
were due to fatigue. Therefore. before 
the results obtained by this laboratory 
fatigue test would be admissible, it was 
necessary to establish that this test 
rated gear assemblies in the same order 
as these gear assemblies were rated in 
actual owner service. Furthermore, 
even if normal service failure was 
found to be due to fatigue, as was in
dicated by examples of failures show
ing typical fatigue fracture, it would 
still be necessary to find out how a 
laboratory fatigue test should be con
ducted to rate the gears in their proper 
order. That is, should the gears be run 
at relatively low loads and high speeds, 
or should they be tested at high loads 
and low speeds? This question could 
be answ'?red only by searching the ser
vice records for examples of production 
axles that were representative of sever
al degrees of durability. The type of 
information sought for was found after 
reviewing thousands of service reports; 
that is, records were found showing 
relatively larger and smaller numbers 
of service failures for several produc
tion designs. With this information 
as a guide, it was found that axles 
tested under maximum low-gear torque 
on the axle-testing equipment, showed 
the same relative resistance to failure 
that was shown by the service records. 

From these checks, it was believed 
reasonable to conclude that, when a 

• Presented at the eighteenth annual 
meeting of the American Gear :Manufac
turers A811oclatlon, Niagara Falls, Canada, 
Oct. 14-16 1936. 

t Buckingham, "Dynamic Loads on Gear 
Teeth," Research Publication, Am. Soc. 
Mechanical Engrs. (1931). 
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Fig. 2-Spiral bevel g"ear fatif'ue curve calculated l,y 
"Lewis" formula. 

rear-axle gear fails in service, the cation, it might be roughly stated that, 
failure is due to fatigue of the gear in the car, there is only one maximum 
tooth as a result of intermittent load- stress cycle per thousand total cycles. 
ing; and that the fatigue life of a gear 
tooth is used up in the accumulative ef- Need for Modified Stress Formula 
fects of short periods of operation un
der maximum low-gear torque. 

From the comparison of the labora
tory tests with service records, it was 
found that operation for 100,000 pinion 
cycles under maximum low-gear torque 
on the test equipment was equivalent to 
a lifetime of service in the automobile 
under the most severe operating con
ditions. The requirements for truck 
and bus axles are somewhat higher, 
owing to greater average severity of 
service. 

In commercial gears and many other 
· machine elements, such as connecting 
rods, valve springs, crankshafts, etc., 
the number of maximum stress cycles 
occurring during the life of the ma
chine is such a large proportion of to
tal cycles that the permissible stress at 
the fatigue limit is the important value 
to be used in design. Many automobile 
parts, such as rear axle gears, axle 
!!hafts, transmission gears, etc., differ 
from ordinary machine elements in that 
the number of maximum stress cycles 
is such a' small proportion of the total 
cycles that they may be designed . to 
operate under maximum loading at 
stresses far above the permissible stress 
at the endurance limit. As he been 
stated, the minimum required life of 
a rear-axle pinion at maximum stress 
is only 100,000 cycles, ·equivalent to 
about 30 miles of road travel. The 
tooth stress in normal car operation, 
that is, in high gear, is so low as to be 
negligible from a fatigue standpoint. 

From the beginning, the values ob
tained from these rear-axle-breakdown 
tests were plotted in the usual manner 
for fatigue specimens, as shown in Fig. 
2. In this log-log plot, the calculated 
stress of the specimen is shown on the 
vertical scale and the number of stress 
cycles before failure occurs is shown 
on the horizontal scale. Data points 
plotted in this manner should have lain 
reasonably close to a straight line, if 
gear-tooth failure were really due to 
fatigue. However, the plotting of the 
first 20 points, corresponding to 62 in
dividual axles broken in test, resulted 
in wide scattering of the points, as 
shown in the figure. This scattering 
was most disconcerting, since it indi
cated that gear failures were too erra
tic to permit their study as fatigue 
specimens, unless some rational ex
planation for the scattering could be 
found. Among the reasons that might 
be accountable for the unusual scatter
ing ·was possible errors in the method 
by which _gear tooth stresses were cal
culated. The method that had been 
used was the gear-tooth-stress formula 
originally introduced by Dr. Wilfred 
Lewis some forty years ago. 

A modification of the Lewis formula 
had been suggested by McMullen and 
Durkan in "Machinery," June, 1922, 
but the new formula did not come into 

general use. When the tooth stress of 
the same 62 axle gears was recalcula
ted by McMullen and Durkan modifica
tion, they plotted to the curve shown 
in Fig. 3. Here we find little evidence. 
of the disorder that characterized the 
original plot. The points lie as close to 
a straight line as could be expected 
from highly accurate laboratory fatigue 
specimens, notwithstanding the fact 
that these test points represent ordi
nary production axles of many sizes 
and designs. It is a striking proof of 
the greater accuracy of the modified 
gear tooth-stress formula. Note that 
the gears represented by points A and 
B failed after approximately the same 
number of stress cycles, indicating that 
they were actually stressed alike. In 
Fig. 2, the gears represented by point 
A were calculated by the Lewis for
mula to be stressed 85,000 lb. per sq. 
in., whereas the gears represented by 
point B were stressed, according to the 
Lewis formula, to 55,000 lb. per sq. in. 
When calculated by the modified formu
la, these gears were found to be 
stressed alike, that is, approximately 
47,000 lb. per sq. in. Or, comparing 
points D and C, Fig. 2, calculated by 
the Lewis formula, point D was stressed 

. to 85;ooo lb. per sq. in. and point c 
stressed to 47,000 lb. By the modified 
formula and as plotted in Fig. 3, the 
stress was calculated at 43,000 lb. per 
sq. in. for point D and 41,000 lb. per 
sq. in. for point C. Thus, the Lewis 
method of calculating stress may intro
duce inaccuracies on the order of 80 
per cent, whereas the McMullen and 
Durkan method reduces these inaccura
cies to negligible amounts. 

In comparing Figs. 2 and 3, it will 
be noted that the stress scales in the 
two plots are quite different: No means 
are yet available for determining the 
actual stresses, and the stress scales 
used are, therefore, purely relative. 
Either stress• scale may be multiplied 
by a constant without altering the real 
value of the plot. 

For commercial gears of a type and 
material similar to rear-axle gears, it 
may be found necessary to design for 
continuous operation at maximum 

'""' '""" ~ 
u. Several cases are known of service 

failures of rear axle gears in auto
mobiles in actual owner service, the en
tire history of which were known. On 
the average, the total number of pinion 
cycles of operation in the car was 1000 
times · the number of cycles run in the 
laboratory test. In other words, the 
severity of service in the hands of the 
hard driver is approximately one one
thousandth as great as the service in 
our laboratory test. With due qualifi-
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Fig, 3-Spiral bevel sear fatigue curve 11treu calculated by 
modified formuJa. 
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Fig. 4--Efl'ect of shape of specimen on SN diasram from 
rotatins beam tests. 

stress. The permissible stress for such 
gears may be found by extending the 
fatigue curve shown in Fig. 3 to 10,-
00(.",000 cycles, which may be taken as 
the fatigue limit. This will show that 
gears designed for 20,000 lb. per sq. 
in. should be capable of operating con
tinuously at this stress without tooth 
breakage. 

Effect of Stress Concentration 
on Fatigue Life 

Fig. 4 shows two fatigue curves 
taken from the University of Illinois 
Bulletin No. 124, by H. F. Moore and 
J. B. Kommers. The rotating beam 
specimens from which these curves 
were made were identical as to mate
rial and heat treatment, but different 
in form. The specimen for the upper 
curve, having an endurance limit at 
49,000 lb. per sq. in. stress, is of the 
form shown on the chart; the lower 
curve, showing an endurance limit of 
24,000 lb. per sq. in., is for the -shoul
dered specimen. This stress difference, 
however, is not real, but is simply the 
result of calculating the stress in the 
shouldered specimen without allowance 
for 'the stress concentration resulting 
fr.om the sudden change in section. 
The fatigue tests, which respond ac
curately to the real stresses, provige 
means for correcting the stress formula 
for the shouldered specimen in terms 
of the uniform stress specimen, since 
the real stress is obviously the same 
for both forms. 

applicable to machine elements, since 
it only admits of stress determination 
in terms of a uniformly-stressed, or 
other form of standardized specimen. 
General Motors Research Division has 
attempted to correlate tests of rotating 
beam-fatigue specimens and rear•axle 
gear tests, with the hope that the true 
stress could be determined and mate
rials evaluated, but the results have 
been disappointing. 

The Carburized Gear Tooth
Specifications for Case and Core 

The shock theory of tooth failure in 
axle gears has led to erroneous conclu
sions with regard to relative strength 
reqqirements of case and core. In con
sequence, laboratory tests designed to 
aid in evaluating materials have led 
the investigator astray, since these 
tests were responsible for the widely
held belief that any carburized gear 
tooth should have a hard case and a 
tough core. The fatigue theory of fail
ure alters the conception of case and 
core requirements. 

For many years it was customary to 
test automobile gears in various im
pact machines. The designer of this 
type of test assumed that gear teeth 
in service were subjected to hammer
like blows, and he, therefore, attempted 
to duplicate in the laboratory this type 
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of load. Under this test the best ma
terial was that which resisted tht
greatest number of blows, notwith
standing the fact that the gear was 
usually ruined after the first impact . 
Hence, the specification that carburized 
gears must be of such materials and 
heat treatment as would produce a hard 
surface to resist wear, and a tough core 
to resist breakage by impact. 

When it. is realized that rear-axle 
gear teeth are not subject to harnmer
like blows, the tough core requiremE:nt 
vanishes. As an intermittently loaded 
beam, the tooth surface must not only 
resist wear, bqt, since the bending 
stress varies from a maximum at the 
surface to zero near the tooth center, 
it becomes important to provide a sur
face highly resistant to fatigue in bend
ing; less fatigue resistance is required 
of the core, depending upon the depth 
of carburization. 

Fig. 6 shows a qualitative distribu
tion of stress between the case and 
the core. The vertical ordinate repre
sents the half thickness of a gear tooth, 
the horizontal scale represents stress. 
The actual surface stress is usually far 
greater than the calculated value, due 
to stress concentration caused by su1·· 
face irregularities, as illustrated by the 
dotted line. As calculated, the maximum 
stress in the core is less than the stress 

. in the case, by a relatively small 
amount if the case is thin. Unless the 
fatigue resistance of the core is propor
tionally as great as the fatigue resist
ance of the case, fracture will start in 
the core. Stress concentration factors, 
such as rough or scratched surfaces, 
change of section, etc., have the effect 
of increasing the stress difference be
tween the case and core, thereby reduc
ing the fatigue-strength requirement 
of the case below the value indicated 
by direct calculation. 

Fig. 6 shows the results of three 
groups of rear-axle gears carburized to 
different depths. Point E is the aver-
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The difference between the real 
stress and the calculated stress will not 
be the same for different forms of 
fatigue specimens; that is, the errors 
in stress calculation will vary, depend
ing upon local conditions producing 
stress concentrations·. The true stress 
in any form of laboratory specimen 
having stress concentration can only 
be found, so far as the author is aware, 
by a sufficient number of fatigue tests 
on the specimen to construct a fatigue 
curve from which the stress concentra
tion factor may be determined by com
parison with similar data on a simple 
specimen. This method of determining 
true stress is, unfortunately, not yet 

Fis. 5-Showins qualitative distribution or 11treu bet"·een 
the ca1e and the core 
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age of three gears carburized to ap
proximately 0.037 in. depth, point F is 
the average of three gears carburized 
to the normal depth of approximately 
0.045 in. depth and point G is the aver
age of three gears carburized to a 
depth of approximately 0.082 in. These 
data are too meager to be conclusive, 
but they indicate that resistance to 
fatigue is improved with reasonable in
crease in depth of carburization. It 
should be noted that the normally car
burized gears, point F, failed earlier 
than normal expectancy, and that the 
deeply carburized gears, point G, about 
matched normal expectancy. 

The Effect of Material and Beat 
Treatment 

Notwithstanding the many metal· 
Jurgical reasons and tests that are ad
vanced to show this or that alloy steel 
is best for rear axle-gear purposes, 
there is no evidence from the present 
study to show that, among the alloys 
usually used for this purpose, one is 
superiQr to another. Fig. 7 is the same 
average fatigue curve as Fig. 3, ex
cept that it records tests of 250 axles 
which were made from 22 combinations 
of alloys and heat treatments as noted 
in Table 1. It will be seen that, re
gardless of material, heat treatment or 
grain size, th~ test points for any given 
material lie about equally divided above 
and below the average curve. Large 
deYiations from the avP.rage are due to 
other reasons than metallurgical ones, 
as will be shown. 

Table I 
CA"B• CASC "CHUT D"A• No. or ,rcn TEMP• DEl'TH QUENCH TEMP . QUENCH Tf~~· 11116 . 

THm ll'[C. • r. INS. •r. 
2315-A H,60 .050-.055 IN OIL 1325-35 IN OIL 300 30 1a 
2315-A 1600 ,045 IN OIL 1325-35 IN OIL 275 30 89 
2315'-A 1675 .o,o-.o,5 IN OIL 300 30 14 
2)'15-A 1660 .040-.0,0 IN OIL 7 

2515-A 1650 COOL IN IOX 1475 IN 01\. 3 
2515-A 1700 ,050- ,055 COOL IN aox 1400 IN OIL 300 9 
2515-A 1675 .045 COOL IN aox 138o CYN, IN OIL 250 30 11 

+2515-A 1675 .045 IN OIL 250 30 3 
· +2515-A 1675 .045 COOL IN IOX 138o CYN. IN OIL 250 30 2 

2515-A 1675 .045 IN OIL 250 10 
+2515-A 1675 .045 IN OIL 250 30 3 
•2515-A 1675 .045 IN OIL 138o CYN. FLAIH ~ QUENCH IN OIL 2 
•2515-A 1675 .045 T"ANI, CYN, & "(DUCE TEIII', TO 1350 & OIL QUCNCH 12 

2515-A 1700 ,050-,055 COOL IN IOX 

2515•A 1660 .040-.050 IN OIL 

2515-A 1675 .045 COOL IN IOX 

3115-A 1675 .050-.055 IN OIL 

4615-A 1675 .0,0-.055 IN OIL 

4615-A 1650-SO .050 IN OIL 

4615-A 1675 .040-.050 IN OIL 

4620-A 1675 .040-.050 IN• 0 IL 

4815-A 168o .050-.055 IN OIL 

1 0 
FAT IGU[ CU"Yt •coA"S[ C"AINCD ST[EL. 

It is not intended to deny that there 
are real differences in the various alloys 
or in the effects of the various heat 
tr~atments. These differences, how
ever, have been determined from rather 
ideal laboratory tests, under which con
ditions such differences are 1 a r g e 
enough to become appreciable. In higl!
ly-finished, uniform-section structures, 
such as ball and roller bearings, wrist 
pins, ground shafts, and the like, the 
superior properties of <;!Xpensive alloy 
steels are usually realized. In struc
tures having high stress concentration, 
such a11 production rear-axle gean and 
many other machine elements, the 
properties of alloy steels, as determined 
by the usual laboratory tests, are not 
realized. The selection of steel for rear
axle gears should be governed by 
warping tendencies, machining charac
teristics and cost. 

In Table 1 are listed the 22 combina
tions of alloys and beat treatments 

1400 IN OIL 300 12 
3 

138o IN OIL 300 COOL IN Al" 5 

300 30 5 

300 30 14 
1425 IN OIL 300 6o 2 

300 6o 3 

COOL IN A tt, 300 6o 14 

1420-30 IN OIL 300 30 7 

+l'INE C"AINED STEEL , 

represented by the test points shown in 
Fig. 8. The bar chart at the left of 
the table compares these combinations 
on a stress basis as indicated by the 
tests. Note that, on the basis of this 
comparison, coarse grained 2515-A steel 
makes the best showing and that 
4615-A steel is the poorest. This com
parison, however, is not a true measure 
of the material or heat treatment. The 
differences are due to other factors, as 
discussed below. 

Fig. 8 gives fatigue data for a series 
of tests that was designed to evaluate 
materials and heat treatments other 
than those used in production at that 
time. The series consisted of three 
axles each'. of nine combinations of ma
terials and heat treatments. The early 
failure of these gears demonstrates the 
difficulty of producing good gears in 
small quantities, due to the effects of 
unfamiliar warping characteristics of 
the steel. In preparing for tests of new 
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Fis, 7-Spiral bevel sear fatigue curve representin1 250 
rear axle seara. 

production axle gears, it is customary 
to make a large number of gears and 
select from them the few that are good 
enough for use. The cutting is then 
adjusted to compensate for distortion. 

The Effect of Stress Concentration 
Factors on Axle Life 

tration. "The gears representing the 
intermediate point N had good tooth 
contact as for K but severe machini.ng 
scratches as for M. 

The photographs, Fig. 9, show the 
fractured pinion teeth from the axles 
represented by points K and N, Fig. 7. 
The one at the left was cut with slow 
cutter feed, the other with fast cutter 
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missible radius, together with slower 
feed, greatly reduced the stress concen
tration due to cutter scratches. Note. 
however, that the fractures in these 
gear teeth follow the cutter scratche,; 
in both cases, demonstrating that fur
ther increased durability may be ex
pected if practical means for producing 
smoother finish can be found. 

The · photographs show that the!;e 
teeth were more highly stressed at one 
end than at the other, since the char
acteristic fatigue fracture does not ex
tend the entire length of the tooth. 
Failure started a_t the root of the heel 
(large end) of the tooth and moved 
radially outward at that point as the 
fracture progressed toward the toe 
(small end) of the tooth. This is typi
cal of all gear failures in our tests, and 
is mainly "the result of elastic deforma
tions, principally in the pinion anti
friction bearings, causing load concen
tration. at the heel of the tooth, as dis~ 
cussed later. 
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Properties of the alloys are obscured 
by the much greater effects of stress 
concentrations, which, in gears, result 
from the tooth shape, m a c h i n i n g 
scratches, deflection of the gears, shafts 
and bearings, eccentric assemblies, 
warping during heat treatment, etc. 
When considerable gain or loss is 
shown in the performance of a machine 
element, it is often ascribed · to the 
particular alloy used, when, in fact, it 
is probable that the gain or loss re
sulted from a change of one or more 
of the stress-concentration factors. 

Point H, Fig. 7, lies well above the 
average curve. This point is the aver
age of three ,experimental rear axles 
which differed from production axles 
irt that they were more rigidly sup
ported. so that the stress concentration 
due -to deflection was reduced. 

IOpoo 
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The gears represented by points K, 
M and N, Fig. 7, were of · identical de
sign, material and heat treatment, not
withstanding which their lives varied 
as much as twenty to one. Point K 

·is far above normal expectancy. The 
advantage in this case was reduced 
stress concentration, due, largely, to 
smoother finish of the roots of the 
teeth. Point M, lying below the aver
age, was the result of bad machining 
scratches, together with bad tooth con
tact, which increased the stress concen-

Toe 

Fig, 8-Spiral bevel sear fatisue curve repreaentins 27 
11pecial 11erie11 rear axle gean, 

feed. The difference in test durability 
was in the ratio of ten to one; that is, 
the coarse feed reduced the life of the 
gear from 1,000,000 cycles to 100,000 
cycles. This test was not a deliberate 
test on the effect of cutter notches.· The 
fine cutting feed was used while the 
gear cutting machine was being adjust
ed; the coarse feed was the normal cut
ting rate in production, aggravated by 
the fact that the cutting blades were 
not of uniform height. The use of 
cutter blades of equal height and with 
corners rounded to the maximum per-

Heel Toe 

Tabie II gives data on axles repre
sented by points 0, P, R, S, T, U and 
W, Fig. 7. 

Points 0, P and R represent axle 
gears that were unusually large for the 
car in which they were used, having, 
by extrapolation, a normal expectancy 
of · 20,000,000 cycles, or two hundred 
times the minimum requirement. Be
cause of their size, these gears were 
safe, notwithstanding extremely high 
stress concentration factors, and there 
was, therefore, no great incentive to 
improve their performance: The gears 

Heel 

Fig. 9-Viewe of broken pinion teeth from the axle11 represented by point11 K and !V" 
in F~. 7. 



Tepresented by points S, T, and U were 
.for the same make of car but of some
what smaller relative size. Although 
still over-size, an improvement was 
made in the rigidity of the pinion bear
ing, which is reflected in the position 
.9f the test points relative to the aver
age curve. Subsequent increase of en
gine size required further improvement 
in design and shop practice, with the 
result that these smaller gears now 
have somewhat more than normal ex
pectancy, as given by point W. The 
two gears represented by point O are 
responsible for the poor showing of 
4615-A steel in Table I, which, as has 
been explail'led, was not the fault of 
either the material or heat treatment. 

Point V, Fig. 7, represents the aver
age of seven axle gears of identical de
sign, material and heat treatment, with 
gears that formerly had given normal 
expectancy. This test point was low be
cause the manufacturing had been 
transferred to a new plant, and new 
personnel and. the shop technique had 
not yet been mastered. Later gears of 
this design and material returned to 
the normal curve. 

Fig. 10 shows an exaggerated sketch 
of deflection of an overhung mounted 
pinion under load, and the stress con
centrating effect of such deflection on 
the contacting teeth. Although the 
sketch shows a ball bearing mounting, 
the results are the same for other forms 
of anti-friction bearings. Theoretically, 
the apex of the pinion cone coincides 
with the cone apex of the gear. This 
ideal condition does not prevail in prac
tice, inasmuch as all parts of the gear 
assembly are deformed when load is 
applied. The pinion-bearing deforma
tions are such as to shift the pinion 
axis through an angle which tends to 
localize the tooth loads at the heel of 
the teeth. A measure of this concen
tration is the angle Y, Fig. 10. De
flections in other directions are less 
serious in effect, since they do not re
sult in as serious shifting of the load 
lengthwise of the teeth. Where space 
permits a better pinion support can be 
obtained by the use of straddle mount
ing. With this arrangement of bear
ings, it is theoretically possible to com
pletely compensate for angular deflec
tions, as shown in Fig. 11. If the rigid
ities of the two bearings are inversely 
proportional to their distances from the 
pinion apex, deflections oi the pinion 
bearings under load will merely result 
in the pinion rotating about its apex. 
In practice, it would be necessary to 
overcompensate to allow for the deflec
tion of the ring gear assembly and its 
supports. This means that the forward 
bearing of a straddle mount s h o u l d 
have high radial elasticity and that the 
rear bearing should be highly rigid. 

Table II 
Plot No. of Steel Minimum Maximum Average Average Life In % 
Point Teats Spec. Life Life Life of Expected Life 

0 2 4615-A 656,700 969,000 813,000 4.8 
p 5 4615-A 556,000 2,072,000 1,178,000 7. 
R 4 2316-A 1,120,000 l, 700,000 1,422,000 8.4 s 2 2316-A 141,000 242,000 191,600 19. 
T 3' 4616-A 233,000 537,000 427,600 43. u 3 2315-A 218,500 1,275,000 604,000 '60. 
\V 3 4615-A 195,500 450,800 293,000 122. 
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Fig. 10--Sketch showing deflection of overhanging pinion 
(exaggerated) 

Fig. 12 shows the results of a series 
of tests made to determine the relative 
deflections of several pinion b~aring 
combinations used in production auto
mobiles. The heights of the bars are 
the measure of angular deflections for 
forward and for reverse drive, for each 

. of the bearing typrs illustrated. The 
load applied was the resultant force 
corresponding to maximum low-gear 
torque, and was the same for all bear
ings. The tests were made on new 
bearings having equal capacity ratings 
and fitted in accordance with the toler
ances specified by the manufacturers. 
The solid bars show the angular deflec
tion readings obtained with bearings 
fitted to maximum shaft and housing 
tightness; the open bars show the dif
ference between tight and loose fits ac
cording to the manufacturers' tolerance 
limits. The data shown are corrected 
for pinion-shank deflections. 

The angular deflections found for the 
straddle-mounted pinions shown in Fig. 
12 are small when compared to the de
flections of overhung pinions, as would 
be expected from the deformations 
shown in Figs. 10 and 11. For com-

plete compensation, however, the angu
lar deflection of the pinion should be 
negative, that is, the pinion apex should 
fall below its original position (Fig. 
11) as the pinion rises under load since 
the ring gear apex moves downward 
due to deflection of its supports. This 
can be accomplished by increasing the 
radial deflection of the forward pinion 
supports. 

Economic considerations do not al
ways justify the adoption of straddle
mounted pinions. Reduction of stress 
concentration in overhung p i n i o n s 
through the use of preloaded bearings, 
smooth fillets, reduced warpage, etc., 
permit the use of relatively small 
gears. The additional potential saving 
in size :and weight that 'iccompanies 
controlled elasticity can often not be 
realized because of design limitations, 
such as the available space between the 
pinion and the differential case. 

In spiral bevel gears, the effect of 
deflection in the direction of the pinion 
axis is to partially compensate for 
angular deflection. Deflection in the 
direction of the ring-gear axis results 
in contact errors of the same kind as 

Fig. 11-Straddle-mounted be,·el pinion 
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Fig. 12-Results of a series of tests made to determine the relative deftections of several pinion-bearing combination, 

result from angular deflection, but of 
very much smaller amount. 

The method used by General Motors 
ReSflarch Division for calculating gear
tooth stress assumes that the entire 
gear load is applied to one tooth only, 
notwithstanding the fact that several 
teeth may theoretically be in contact. 
Load concentration at the large ends 
of the teeth resulting from deflection 
of the kind illustrated in Fig. 10 re
duces the overlap of the teeth, which, 
together with spacing errors, is suf
ficient to completely destroy the theoret
ical load distribution. 

Photographs Taken While Gears 
are Running at Constant Speed 

A part of normal routine in our gear 
testing is the photographing of the 
tooth-contact patterns of all gears test
ed. Photographs are taken while gears 

are running at constant speed under 
constant load, by means of a neon-lamp 
stroboscope. The rear axle is installed 
as shown in Fig. 1, with the back cover 
plate removed. The axle is brought up 
to speed and load. A neon lamp of 
special Iorm is flashed in time with the 
gear teeth, by means of a cam on the 
input dynamometer which has as many 
lobes as the pinion has teeth, with the 
result that the gears appear to be sta
tionary. The teeth are then sprayed 
with a specially prepared, quick-drying 
paint, which dries before reaching the 
point where the gears are in mesh. 
This paint must not only cover the 
teeth and dry quickly, but must also 
possess lubricating qualities, since the 
gears must be free from oil during the 
photographing process. As the ring
gear teeth come into contact with the 
teeth of the mating pinion, the paint 

.is wiped off in the contact region, giv- · 
ing sufficient color cont'l'ast to enable 
pictures to be taken with an ordinary 
camera. As shown in Fig. 13, photo
graphs are made under four loads, cor
responding to a light driving load, full 
engine torque in direct drive, full en- · 
gine torque in second gear, and full · 
engine torq)le through low gear. Note 
that at light load the gears made con
tacts well toward the small ends of the 
teeth, and that as the load .was- in
creased, the contacts shifted toward the 
large ends of the teeth . and away from 
the small ends. This is what would 
be expected from deflections of the 
kind shown in Fig. 10 and from the 
fractures shown in Fig. 9. These photo
graphs measure the combined effect of 
deflections in all directions, as well u 
runout of all kinds. 

To obtain this information by the 



use of indicators is difficult, if not im
possible. It has been shown that the 
most important measure of deflection in 
rear-axle gears is the relative position 
of the gear apexes. Separation of the 
apexes in the vertical plane is shown 
to be bad. Separation of the apexes 
fore and aft has a partial compensa
tion effect on vertical apex separation. 
Apex separation in line with the ring
gear axes has relatively small effect. 
It is . difficult to determine the move
ment of the apexes by indicator mea
surements. Furthermore, tooth contact 
conditions as affected by runout of the 
geat teeth due to warpage in heat 
treatment, or to wabble or eccentricity 
of the tooth cutting relative to other 
machined surfaces, can not be found 
by ordinary indicator measurements. 

Fig. 13 (b) shows a set of tooth-con
tact photographs made from a g e a r 
identical in every respect with the gear 
shown in Fig. 13 (a), except that the 
gear-cutting machine was adjusted to 
give greater toe contact. Note that the 
shifting of contact with increasing load 
is less severe in Fig. 13 (b) than in 
Fig. 13 (a). This is most apparent 
when comparing the light-load photo
graphs and the highest-load photo
graphs. The reduction in stress con
centration following the altered ma
chine setting increased the life of the 
gear from 104,000 to 264,000 cycles. 

Reduction of load concentration by 
setting the machine to cut toe contact 
is limited by the tendency of the gear 
to be noisy. Partial compensation for 
the inevitable shifting of contact with 
load is accomplished by cutting the 
teeth of the pinion to a spiral curve 
that differs from the spiral curve of 
the mating gear, as is shown in Fig. 
14. ·The smaller curvature of the pinion
tooth curve permits this tooth to rock 
on the greater curvature of the gear 
tooth as the 81Ilgular de:formation 
varies. If these radii were equal, it · is 
evident that the slightest angular def
ormation would shift the load from 
one end of the tooth to the other, with 
consequent high stress concentration. 
The greater the angular deflection, the 
greater must be the difference in radii 
of the teeth of the two mating gears, 
but this also leads to greater load con
centration, since it limits the useful 
length of the teeth. Obviously, im
provement would follow reduction in 
angular deflection permitting less dif
ference in the radii of the teeth and 
thus producing more uniform stress 
distribution. 

Photographs of the type shown in 
Fig 13 are satisfactory for r o u t i n e 
estimates of deflections and resulting 
load concentrations. They are quickly 
made and easily interpreted, and in 
the General Motors Research Labora
tory they have supplanted the old 
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Fie. 13-Photopoapbt are made under four loads 

method of deflection measurements by 
indicators. This method, however, does 
not permit quantitative measures of 
load distribution. For this purpose, in 
one case, a series of etching tests was 
made by applying a static load equal 
to second-gear torque on an assembled 
axle and etching the surfaces of the 
gear teeth by passing sulfur dioxide 
and water vapor through the axle 
housing for a period of 30 hr. The 
areas of the gear teeth in actual con
tact were not etched, and it was, there
fore, possible to measure the extent 
of the contacting areas. From these 
measurements and the known curvature 
of the teeth, it was possible to calculate 
the actual compressive stresses and the 
distribution of load, which were checked 

against the applied load and found 
to agree within about 10 per cent. The 
tests were repeated a sufficient number 
of times with slight changes in the 
phase relationship of the gears to con
struct a plot of load distribution over 
the face of the teeth. 

Fig. 16 shows, as a composite of the 
load& on the three teeth in simultaneous 
contact, the qualitative distribution of 
load along the pitch line of the pinion 
tooth. The load concentration at the 
heel (large end) of the tooth is clearly 
indicated; likewise, the fallacy of rat
ing gear-tooth loads in terms of the 
length of the tooth face . The biased 
distribution of load would be even 
more pronounced under maximum low
gear torque. 



:Stress Distribution Between Pinion and 
Ring Gear 

An important consideration in the 
design of spiral bevel gears is the 
proper proportioning of stress between 
the two mating gears. As stated previ
ously, the permissible calculated stress 
in the pinion teeth has been found to 
be approximately 42,000 lb. per sq. in., 
equivalent to 100,000 stress cycles. The 
permissible calculated stress in the ring 
gear has, by these same tests, been 
found to be 62,000 lb. per sq. in. With 
this stress distribution, either the 
pinion or ring gear would be liable to 
failure by fatigue. The higher permis
sible ring gear stress is due in part to 
the fact that automobile rear-axle gear 
ratios are on the order of four to one 
and, therefore, each ring-gear tooth is 
stressed only one-fourth ·as often as 
the pinion tooth. The required mini
mum life of the ring gear, therefore, 
need be only 25,000 stress cycles, which 
corresponds to approximately 51,000 
lb. per sq. in. (see Fig. 3). The balance 
of the permissible stress discrepancy, 
that is, the difference between 51,000 
lb. per sq. in. and 62,000 lb. per sq. in., 
appears to be due to lower stress con
centration in the ring-gear teeth, prob
ably as a result of less severe cutter 
scratches. 

Pitting 
Surface pitting occurs in regions 

subjected to repeated high compressive 
stresses, and is a common form of gear 
failure. In automobile spiral bevel 
gears, . pitting starts just below the 
theoretical pitl!h line of the pinion near 
the large ends of the teeth, and pro
gre!Jses toward the small ends of the 
teeth. In tests run at maximum low
gear torque, minute pits begin to ap
pear after approximately 150,000 cycles 
of the propeller shaft and increase in 
size and number with continued run
ning. However, pitting is not serious 
even after 2,000,000 cycles, which is 
far beyond the life requirements of the 
gears. In spiral-bevel truck gears, pit
ting may sometimes cause trouble due 
to the greater life requirements. Final 
failure in such cases is usually tooth 
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Fi,r. 15-The compo9ite of the loads of three teeth in 1imul
taneoua contact. the qualitative distribution of load alon1 

the pitch line of the pinion tooth 

breakage, but pitting aggravates stress 
concentration in the region where stress 
concentration ii; already serious. 

The etching tests described above 
supplied data from which it was pos
sible to calculate the unit load between 
the gear teeth by the Hertz method. 
These tests showed that pressures of 
the order of 300,000 lb. per sq. in. are 
reached under second-gear torque. The 
maximum pressure occurs some dis
tance below the theoretical pitch line 
of the pinion and corresponds with the 
location of initial pitting. 

If pitting is due to compressive fa
tigue of the tooth surface, it follows 
that the pitting tendency is at a mini
mum when the load is uniformly dis
tributed over the teeth. Stress concen
trations, due to deflections, warpage, 
runout, etc., promote pitting, as well as 
reduce the resistance to breakage. There 
is, however, considerable evidence indi
cating that gear-tooth pitting in these 
and many other cases is not caused by 
compression fatigue. The fact that pit
ting starts at a point below the theoret
ical pitch line may simply mean that 
the actual pitch line, under the condi
tions of operation, does not coincide 
with the theoretical pitch line. It is 
also noted that as the pits spread to
ward the small ends of the teeth, they 
follow a line parallel to the theoretical 
pitch line and do not follow the line 
of maximum unit pressure. Further
more, when the pits first appear, they 
are of very small size, requiring con
siderable magnification for satisfactory 
observation. Once started, these small 
pits rapidly increase in size through 
breakdown of the side walls of the 

original pit. Pits due to compression 
fatigue should be of relatively large 
size on first appearance. 

In dynamometer durability runs on 
automobile transmissions, it sometimes 
happens that pitting develops in gears 
that carry no load, such as the small 
reverse idler. 

It is possible that a form of pitting 
may result from corrosion. It is well 
known that ball and roller bearings are 
subject to "corrosion brinell"; that is, · 
the contacting surtaces become indent
ed when the bearings are given slight 
motion while under load, even though 
the load is far below that required ,for 
true pressure indentation. When auto
mobiles are shipped long distances in 
freight cars, it is usually found that 
the wheel bearings are slightly indent
ed due to the small wheel motion re
sulting from the vibration of the 
freight car. "Corrosion brinell" is also 
common in automobile kingpin bear
ings, valve-rocker-arm bearings, and the 
like. Gear action at and near the pitch 
line appears to offer all the conditions 
necessary for "corrosion brinell." 

We do not have suffkient data on the 
effect of materials on pitting in car
burized gears to be conclusive. Tests 
have shown a tendency toward increas
ed pi~ting with increased depth of 
case, but because many variables in
troduce load concentration, these data 
must also be accumulated from a larger 
number of tests before a dE-finite trend 
can be established. 

Scoring 

Fig· 14--Showa the compromises made to accommodate the 
teeth to a wide ranse of loads 

The type of gear-tooth wear various
ly referred to as scoring, roping, spall
ing, etc., ~curs in highly-loaded spiral
bevel axle gears on the road when 
running at high speed, or on the applica
tion of overloads at moderate speed, 
such as dropping in the clutch while 
coasting down bill. Scoring is charac
terized by scratches in the direction of 
sliding between the mating teeth and 
appears to be caused by the welding 
of small areas of the contacting sur
f aces under the influence of high heat 
of friction and high unit pressure. 
Scoring does not occur in our labora
tory tests, because the tests are dllsign
ed to produce failure by breakage, 



which demands high stress. In the 
laboratory tests, the unit p1·essures are 
high, but the rubbing velocity is too 
low to generate sufficient heat to pro
duce welding. 

The same procedure that was used 
to obtain basic data on the resistance 
to breakage of gear t ,?eth was followed 
to obtain basic data on gear scoring; 
that is, service records were examined 
to find the gear design& that scored in 
normal owner service and to determine 
the conditions under which this type 
of failure occurred. The designs that 
scored in service were then compared 
with designs that .were fret from this 
type of trouble, with the object of find
ing a practical measure for predeter
mining scoring tendency. The etching 
tests previously discussed supplied 
data for finding the unit pressure over 
the tooth surface. On the assumption 
that .the instantaneous temperature is 
proportional to the ·product of unit 
pressure and the sliding velocity for 
poorly lubricated surfaces, a series of 
calculations were made to determine 
the pressure-velocity (PY) v a 1 u e s 
over the tooth surface under various 
operating conditions. These calcula
tions gave the greatest PY value at the 
top of the pinion tooth under· a load 
corresponding to direct drive at road 
speeds somewhat below the maximum 
speed of the car. 

In service scoring had been found 
to occur at high driving speeds and on 
severe use of the clutch. on coasting. 
The latter condition did not permit 
calculation, since the applied loads 
were unknown, but the PY values cal
culated from the etching tests for for
ward drive agreed well with service ex
peri~nces. A number of production 
cars and buses, some of which were 
subject to scoring and others in which 
no scoring had occurred, were calcu
lated for PY factors under the condi
tions producing maximum PY values. 
The results are shown in Table III. It 
will be seen that no scoring occurred 
in the gears having PY values of less 
than 1,500,000, in which P equals the 
Hertz pressure in lb. per sq. in. and Y 
the rubbing velocity in ft. per sec. All 
gears having PY values above 1,800,000 
were subject to occasional scoring in 
service when lubricated with ordinary 
mineral oil. For purpose of design, a 
high PV limit of 1,500,000 is used for 
gears lubricated with ordinary mineral 
oil. In designs having higher values 
of PY, an E.P. lubricant must be used. 
For production spiral bevel gears, a 
mild type of E.P. lubricant is satisfac
tory. It should be remembered that 
these data have been taken from pro
duction, carburized, spiral-bevel gea1·s, 
and ,that they do not necessarily apply 
to other forms of gears such, for ex
ample, as hypoids, in which the sliding 

velocity is somewhat greater. The for
mula used for all PY calculations was 
derived from the one se1·ies of etching 
tests. It is to be expected that there 
is some variation in the load distribu
tion over the surfaces of the teeth in 
different spiral-bevel gear set designs, 
but the formula used gives values suf
ficiently accurate for practical pur
poses. 

Stress concentration promotes scor
ing, just as it promot.es breakage and 
pitting, particularly on the coasting 
side of the teeth. Since scoring in for
ward drive occurs at relatively low 
torque, when deflections are small (see 
Fig. 13), the load on the teeth is more 
uniformly spread over the surfaces of 
the teeth. However, the compromises 
that are made to accommodate the 
teeth to a wide range of loads, as il
lustrated in Fig. 14, prevent attain
ment of the best conditions. Warpage, 
runout, spacing errors, etc., also in-

fillings. This is due to the greater 
smoothness and in some instances to 
the work hardening of the bearing su1·
faces with use. 

It is important to produce the max
imum hardness of the surfaces of the 
teeth. In the heat-treating process, it 
sometimes happens that a thin surface 
layer is soft. This layer is so thin that. 
it cannot be detected by the penetrating 
type of hardness testers, and recourse 
is had to the file test as the most prac
tical and reliable method for determin
ing surface hardness, especially in the 
hands of a skilled operator. Skin soft
ness may be caused by decarburization 
where the gear is too long exposed to 
air while at a high temperature, or it 
may be the result of the sequence of 
operations followed in carburizing and 
hardening the gear. High drawing 
temperature, either in the furnace or 
through running too hot in service, ma~· 
soften the gears and aggravate scoring. 

Table III 
Compressive Sliding 

Pinion Stress Velocity 
Pinion Torque Lb./Sq. In. Ft./Sec. 

Car Scoring R.P.M. 

1 None 2400 
2 None 3450 
~ None 3710 
4 None 3720 
5 None 3820 
6 None 3850 
7 None 2970 
8 None 4060 
9 Occasional 3600 

JO Occasional 4000 
11 Occasional 3800 
12 Serious 3600 
13 Serious 3800 
H Bad 4266 
15 Bad 3810 
16 Bad 3800 
li Ba<l 2100 

c1·ease the scoring tendency. Reducing 
the rubbing velocity is effective in 
reducing scoring. This may be accom
plished by reducing stress concentra
tion factors to secure adequate resis
tance to breakage with a finer pitch and 
shorter teeth. 

The most practical remedy for scor
ing is the use of an E.P. lubricant. 
Economy of material and weight de
mands the smallest gears that will 
carry the load, and by using E.P. lubri
cants, the gears for automobile rear 
axles may be designed from this stand
point, with, of course, due considera
tion to noise. 

It has been found that gears are 
more likely to score when new than af
ter they have been run for some time. 
For moderate PV values, it is sufficient 
that an E.P. lubricant be used for the 
original filling of the axle. Ordinary 
mineral oil may be used for subsequent 

Lb. Ft. "P" "V" "PV" 

328 71,900 16.70 1,200,000 
112 73,400 18.42 1,355,000 
100 84,700 16.40 1,392,000 

96 94,700 14.75 1,402,000 
90 87,200 16.05 1,403,000 
87 87,600 16.20 1,420,000 
91 80,000 17.85 1,430,000 
92 88,200 li.05 1,505,000 

118 80,000 19.35 1,546,000 
95 86,600 17.80 1,551,000 

107 92,500 17.10 1,595,000 
97 109,200 15.40 1,676,000 

109 108,000 16.60 1,800,000 
88 79,300 23.25 1,848,000 
90 101,200 18.32 1,852,000 

109 95,800 20.0;; 1,932,000 
328 75,000 26 .i5 2,010,00•) 

Othel' Types of Wear 

Wear may be distinguished from 
scoring as a process in which the rub
bing surfaces are wasted away. Wear 
may be slow lapping as a result of 
abrasives. When the lapping particles 
are large, such as sand or metal par
ticles, scratched surfaces that resem
ble scoring may be observed. Fine 
abrasives, however, leave smooth sur
faces. Abrasive materials may be in
troduced through insufficient cleaning 
of the gears, carrier or housing; the:,o 
may be· present in the lubricant, or they 
may be composed of metal particles 
from the surfaces of the teeth, as from 
initial roughness or incipient scoring. 

Wear may also be a process of cor
rosion tprough chemical action. Mate
rials such as free sulfur or chlorine, 
in the presence of water, will form 
acids that will attack the metal sur-



faces, unless there 1s a1so present in 
the lubricant a material that acts as an 
mhibitor to this acticin. For example, 
lead soap, in the cue of a "lead soap 
plus free sulfur" E.P, lubricant, is an 
inhibitor for this type of corrosion. 
This corrosive action may pass unno
ticed because the surfaces of the teeth 
retain their polish, since the products 
of corrosion are constantly rubbed off. 
E.P. lubricants depend on chemical 
activity for their action. Such lubri
cants are normal mineral oils to which 
ba~e been added one Ol' more Of several 
chemicals that will combine chemically 
with the surfaces of the teeth to form 
a thin protective coating that prevents 
welding and, therefore, scoring. If this 
coating is rubbed off, a new coating is 
formed. Each time ·the coating is re
moved, some of the tooth material is 
lost. The difference in action of E.P. 

lubricants and corrosive agents is that The use of low viscosity oil not omy 
the chemical bond is stronger and, improves cooling but reduces churning 
therefore, can better resist being rubbed losses. The viscosity of the oil that is 
off. The quantity of metal removed doing the actual lubricating is the vis
by corrosive agents is large, whereas cosity corresponding to the tempera
the quantity removed by E.P. lubri- ture of the metal to be lubricated. 
cants is extremely small. When the metal temperature is high, 

Ball bearings do not wear when lu- the oil viscosity is low, notwithstanding 
bricated with clean inert oil. When the apparent high viscosity of the oil 
wear is observed in ball bearings, it in the housing. The use of .low-viscos
may be taken as evidence' that the oil ity oil does not mean correspondingly 
used contains corrosive acids or abr&- · low viscosity as a lubricant, but does 
sives. mean reduced metal temperature and 

Oil 
Besides supplying lubrication in the 

lower load range, oil is a cooling agent. 
More often than not, the oil used in 
gear sets is too viscous to function as 
a good coolant, and frequently in high
speed gears the quantity used is so 
great as to add heat through churning. 

increased efficiency. These statements 
in regard to the effect of viscosity are 
true only when the oils that are being 
considered are equal in their E.P. or 
their "oiliness" properties. There may 
be cases where small differences in the 
inherent E.P. or "oiliness" properties 
of the oilS' make appreciable differences 
in these results. 



Durability 
of 

Automobile Transmission Gears 

A
CURATE means of determining 

tooth stress is more important 
to the automobile gear designer 

than to the designer of industrial gears. 
Considerations of cost, weight and space 
demand that automobile gears be re
duced to the smallest possible size con
sistent with satisfactory service. This 
paper deals with an investigation con
ducted by the General Motors Research 
Laboratory for the purpose of finding 
which of several methods of calculating 
the bending stresses in helical automo
bil . th t ·e transm1ss1on gears lS e mos 
r eliable. 

It is impossible to compute by rigor-
(' 

s 
us mathematics the actual bending 
tresses in gear teeth, due to the many 

indeterminate variables that are in-
olved. The usual gear formulae as-
ume that the gears are accurately cut 

v 
s 
a 
a 
fl 

nd mounted and that the gear material 
l!d the supporting structure are in-
exible. Not only are these assumptions 

~ z! . ... - . :i . . 
w Cl: 

~ ~f°i° )( s ~ ~do,. 
. 

I I 
100.000 

Part Two 
By J. 0. ALMEN •nd J. C. SnAva 

not realized in practice, but other fac
tors invariably present localize stresses 
in an unpredictable manner. Various 
modifications of the Lewis formula are 
in use, presumably repr"esenting ef
fort.'!· to take into account the effect of 
these variable. 

The method of comparing the relia
bility of stress formulae used in this 
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investigation is similar to that used by 
the General Motors Research Labora
tory on spiral bevel gears reported to 
this association in a paper presented at 
Niagara Falls, Canada, Oct. 15, 1936,• 
in which a fatigue curve was estab
lished for use in the design and study 
of spiral bevel gears. The method is 
based on the well-known logarithmic 
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1,000.000 
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Fis. 2-Faticue chart of 138 hel. 
ical automobile trammiuion sean 
atl'ela calculated by a method in 
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Fis, 1-Fatlpe chart of 155 helical 
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preferred method of calculatln1 tooth 
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fatigue chart in which the number of 
stress cycles required to produce fail
ure is plotted against the calculated 
applied stress. The plotted points in 
this chart lie on a straight line if the 
test specimen is of a form that permits 
accurate computation of actual or rela
t ive stress. Conversely, if the plotted 
points are widely scattered, it may be 
concluded that the stress calculations 
are in error. 

To apply this method of analysis to 
stresses in transmission gear teeth, it 
ill necessary to have a reasonably large 
number of breakdo~ tests of actual 
gears assembled in actual transmissions 
ir. which the applied load is held con
stant throughout the test and in which 
the duration of the test is known. Re
liable breakdown test data on some 200 
helical transmission gears were made 
available by the General ?rlotors Manu
facturing Divisions. All of these gears 

· were run under the maximum torque 
for which they were designed. The test 
was continued until, in most casas, one 
of the operating gears failed by .tooth 
breakage. The gears in this group of 
tests consist of 28 designs differing in 
such particulars as diameter, pitch, 

~,ressure angle, helix angle, face width, 
etc. Six types of alloy steel with ad 
many heat treatment were used. 

The stress for each gear design was 
calculated by nine different methods 
and the resulting stresses for each 
method were plotted against the actual 
life of the gears as determined by test. 
Figs. 1 to ·3 show typical plots that 
were obtained. In these charts, each 
point represents from 1 to 36 gears, 
since each point is the average life of 
all of the gears of each design tested 
at one load. In the chart ·Fig. 1, all of 
the plotted points lie reasonably close 
to a straight line as compared to the 
wide scattering of points shown in Fig. 
3. These two charts are, respectively, 
the best and the poorest obtained from 
the nine methods of calculation that 
have been tried. It may be, however, 
that another formula can be found that 
will · give better results than have been 
obtained thus far. The method used to 
l'alculate the stress for plot Fig. 1 
was proposed by C. H. Logue and has 
been in use for some years by one of the 
General Motors' divisions. The plot 
F'ig, 2 shows the somewhat more scat
tered results that were obtained from 
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Fig. 3-Fatigae chart 138 helical 
automobile trau•miuion g e a r • •treB• caleulated by the McMullen· 

Durkan method. 
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a method of stress calculation used by 
another division of General Motors. 
Gear tests by both of these divisions 
are included in the plots. It is appar
ent that the method used in Fig. 1 is 
the more reliable. 

The plot Fig. 3 is interesting because 
the method used for calculating stress 
for this chart is the same that gives the 
best results when applied to spiral bevel 
gears as is shown by Fig. 4. This is a 
plot of a large number of spiral bevel 
gear durability tests in which the 
stress was calculated by a method pro
posed by McMullen and Durkan.t The 
romparison shows the danger of using a 
single method of stress determination 
for all types of gears, for it is obvious
ly impossible to predict the durability 
of helical gears by the latter method. 
The application of the Logue method 
used for Fig. 1 to spiral bevel gears 
would result in chaos similar to that 
shown in Fig. 3. The rational fatigue 
curves are sufficient justification for 
these two methods of calculating stress 
for their respective cases, even though 
it may be difficult to accept some of the 
assumptions that are made in construct
ing the formulae. 

The values of stresses shown in these 
plots are not true stresses but are rela
tive values for the gears of each chart 
only. The stress values for helical gears 
shown in Fig. 1 are twice as great as 
the stress values for spiral bevel gears 
shown in Fig. 4. This, however, does 
not mean that the actual stress is in 
this ratio. In fact, there are indications 
that the actual stress is greater in 
helical gears than in spiral bevel gears. 
The fact that true stress is not shown 
by these charts does not detract from 
the value of either method; since the 
only purpose of making a stress calcu
lation is to enable the designer to pre-

100.000 ID00,000 
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diet the performance of the gears in 
service. This requirement is met by 
the consistency obtained between the 
calculated and actual durability re
gardless of the numerical value of the 
stress. 

Automobile gear service differs from 
industrial service in that the total time 
of operation at maximum load is rela
tively short. It is, therefore, not neces
sary that automobile gears be designed 
to run at maximum load to the fatigue 
endurance limit. As in rear axle gears, 
the minimum life for the pair of gears 
E and F, Fig. 6, that are used in low
gear ratio only, need not exceed 100,000 
cycles at maximum engine torque to be 
free from breakage trouble during the 
entire life of the car. Gears C and D, 
used in second gear only, require some
what greater life, approximately 300,-
000 cycles, f>ince the accumulated opera
tion in second gear at maximum load 
during the lifetime of the car is greater 
than for low-gear ratio. The gears A 
and B are in use during the accumu
lated time of low-gear operation as well 
as the accumulated time in second gear 
and, therefore, the minimum life for 
this pair should be the sum of the other 
two sets, or 400,000 cycles. It should 
be understood that the above limits are 
minimum values and that as a safety 
factor the average durability should bl' 
at least twice as great, since a variatiol) 
in life of 200 per cent to 300 per cent 
in presumably identical gears may be 
expected. 

The chart Fig. 6 is for the same 
gears calculated by the same method 
as for Fig. 1 except that each point 
represents a single gear instead of an 
average of all gears of one design. The 
variation ir• !ife shown in this chart 
is as much as ten to one for certain 

F~. 5-Diasn,m
matic aketch of II 

transminion 1how· 
ine eean tested. 

gears that were under development. 
This is interesting in showing that ex-
11erimental gears are usually more 
variable in life than production gears. 
The transmission in which the gear life 
variation is the greatest is designed 
with a large safety factor, the average 
life for the second gear train being 
well over one million cycles. 

Fig. T is a plot of a group of gears 
calculated by the same method used for 
Fig. 1, that were not run to destruc
tion: that is, the test was stopped be
fore failure occurred. Some of these 
points represent the remaining three 
gears in the train of four gears after 
one had failed; others represent tests 
that were stopped without any failures. 
This chart further emphasizes the large 
variation in the life of gears that are 
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presumably identical in design, mate· 
rial and heat treatment. This gr oup o! 
unfailed gears, if run to failure, would 
show an average life curve at least 250 
per cent greater than the average life 
curve shown in Fig. 1. It may, there
fore, be said that the potential life of 
automobile transmission gears is much 
greater than is now obtained in prac
tice. With an understanding of the 
factors that are responsible for this 
variation in life, it should be possible to 
increase average gear life to the uppe-r 
curve shown in Fig. 7. 

The large difference in life of helical 
transmission gears is the result of small 
variations in the contacts between mat
ing teeth. The ideal contact condi
tions in which the load is distributed 
over the face of the teeth, as is prom
ised by the layout and hoped for by the 
designer, is approached only by rare 
Rccident. If it is assumed that the teeth 
can be made to mate perfectly (which 
may be approached by careful lapping) 
fhe perfection is destroyed immediate
ly the load is changed. When load is 
applied to the gears the teeth are de
formed, the shafts bend, the case de
flects, clearances are taken up, and 
the fancied perfection is impossible ex
cept under single load conditions. A 
clearer conception of the deformations 
that occure can be had by imagining all 
parts of the transmission to be mad<· 
of rubber. With such a transmission 
before him, the designer would have 
a much better appreciation of his 
}lroblem. 

Compare the fatigue chart Fig. 1 fol' 
helical transmission gears and the 
fatigue chart Fig. 4 for spiral bevel 
gears. Note the greater scattering of 
the plotted points from the average 
fatigue curve in Fig. 1. Also bear in 
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that the life or spiral bevel gears 
varies approximately as the seventh 
power of the stress. 

Although this paper is primarily con
cerned with the breakage of gear teeth, 
it is evident that localized loading will 
pro<luct\ other types of failure, such ai: 
wear and pitting. In automobile trans
missions, however, pitting and wear 
are of secondary importance. 

100.000 1.000.000 
CYCLES TO rAILURE 

Numerous methods have been pro· 
posed for cutting spur and helical gean; 
tc, obtain a tolerance for helix angle 
error as is done in spiral b-?vel and 
hypoid gears, but none have come into 
extensive commercial use. The desired 
result may be obtained by running 
straight cut teeth against slightly 
curved teeth, or both sets of teeth may 
he curved on slightly different radii. 
The relative curvature of the mating 
teeth should be proportional to the rela
tive change in helix angle through the 
load range and to the initial error of 
gear alignment. The less the change in 
total helix angle, the less need be the 
difference in curvature. If commercial 
means can be found to cut gears in this 
manner, the result will be to increase 
the fatigue strength of the gears and 
reduce gear noise. 

Fig, 7-Not a fatigue charl, The 132 
plotted point8 represent tests that were 

stopped withoul ,ear failure. 

mind the still greater discrepancy if 
the unfailed gears plotted in Fig. 7 
were included in Fig. 1, as would be 
quite proper for this purpose. The 
more uniform durability of spiral bevel 
gears is not accidental but is inherent 
in the design of the gears. In spiral 
bevel gears the impossibility of attain-
1ng ideal contacts is recognized, and the 
teeth are deliberately cut to mismatc 
in order to avoid the greater contact 
error that would result if the ideal con
tact were attempted. Fig. 8 shows four 
exaggerated sketches of mating teeth 
of a spiral bevel pair. Sketch G il
lustrates an ideal mating, the teeth 
resembling the type of contact sought 
for in spur and helical gears. Sketch H 
illustrates the contact conditions as 
they would be under increased -load. The 
deflections of the pinion shaft and sup
porting bearings are such as to co_n
centrate the load at the large ends of 
the teeth, the result being highly con
centrated stress and early failure. 
Sketch J illustrates the contact in spiral 
bevel gears as actually cut. The radius 
of curvature of the pinion tooth is 
greater than the radius of cu~-vature of 
the gear tooth by an amour.t sufficient 
to permit the .deflections iliustrated in 
K without the severe concentration of 
load at the large ends of the teeth as 
illustrated in H. This rocking-chair 
rrinciple not only increases the resis
tance to fatigue by reducing stress con
centrations, but also is necessary to 
avoid gear noise. 

In contrast to spiral-bevel-gear prac
tice, spur and helical gears are cut to 
mate in the manner illustrated in G 
and in consequence actually mate as 
illustrated in H, due not only to deflec
tions but also to unavoid!ible errors in 
helix angle as a result of warpage, 

manufacturing tolerances, etc. Small 
variations in helix angle from whatever 
source result in a large increase in 
stress in localized areas, and greater 
variations in life, since the life of thl! 
gear varies approximately as the fifth 
power of the stress as determined by 
the slope of the curve shown in Fig. 1. 

This slope also is additional evidence 
that stress concentrations are greater 
in helical than in spiral bevel gears. It 
fa well known that, other things beini:r 
equal, the slope of fatigue curves in
creases as the stress concentrations are 
increased. From Fig. 4 it will be seen 

Throughout the fatigue tests of heli
cal transmission gears, it has been ob
served that in a pair of mating identical 
gears the gear that will break depends 
upon which ends of the teeth are most 
heavily loaded. This 

0

is as would . be 
expected from the shape of the teeth, 
as is shown in Fig. 9, in which L and M 
illustrate identical pairs of gears ex-

Fi1, 8-Sketche, 1bowinr drutlc load con· 
centration IC perfect contact is attempted 
in 11plral bevel gears contrasted with the 
method used in practice to avoid thi~ 

coneentratlon. 



cept for the direction of helix angle 
error. Assuming that the upper gear 
in each case drives in a clockwise direc
tion, the helix angle error in L is such 
as to concentrate the load on the left
hand end of the teeth, in M on the 
right-hand end. For the mating error 
shown in L, the lower gear will break; 
for the mating error shoVi'.n in M, the 
upper gear will break. This is because 
the tooth flank forms an acute angle 
with the tooth end, and the load, which 
is normal to the tooth, is applied on an 
overhung portion oI the tooth. The 
mating tooth carries its load adjacent 
to the obtuse angled end, and is, there
fore, stronger. This order of failure 
wiir hold for either direction of rota
tion and for either direction of load. 

If the contact error is always on one 
end of the teeth, partial compensation 
is possible by increasing the thickness 
of the disadvantageously loaded tooth 
and correspondingly decreasing the 
thickness of the advantageously loaded 
teeth. This expedient is resorted to in 
automobile spira1 bevel . gears and re
sults in a large increase in life for 
forward drive, but since in such gears 
the contact concentration is on the same 
end of the · teeth for forward and 
reverse drive, the ring gear life i~ 
reduced when driven in reverse. This 
is permissible, however, since the life 
requirements for reverse drive are less 
than for forward drive. The advantage 
of this compensation in spiral bevel 
gears is often confused by "four-
11quare" test fixtures in which gears are 
loaded in both forward and reverse. In 
such tests it is usually found that the 
pinion of the gears tliat are driven 
forward will fail, but that earlier fail
url! will occur in the ring gear for the 
gears that are run in reverse. 

Another method of avoiding stress 
concentration on the acute-angled end 
of helical gear teeth is shown in Fig. 
10 N. The mating gears are displaced 
in an axial direction an amount suf
fcient to prevent contact on the over
hung portion of the teeth. This method. 
ii: useful only for one direction of drive. 
U the acute-angled ends of the teeth of 

L. M 

both gears are relieved, as shown in 
Fig. 10 P, the resistance to breakage is 
increased for either direction of drive 
and for load concentration at either 
end of th, teeth. This is an approach 
to cutting the gears for large helix
angle tolerance, as is practiced in rear
axle gears, and will result in greater 
durability than the offset method shown 
in Fig. 10 N. In addition to the com
pensations shown in Fig. 10 N and P, 
it is usually found that mating errors 
due.to deflections are sufficiently great 
to require that the mating gears be cut 
with different helix angles. Not only 
do these corrective measures increase 
gear life, but they are also effective in 
reducing gear noise. 

The durability of helical gears is 
greatly influenced by the finish of the 
teeth. The sharp· edges, particularly on 
the acute-angled ends of the teeth, 
should be removed, even though the 
gears are offset or relieved. The re
moval of the sharp edges is sometimes 
done without benefit and perhaps addi
tional damage to gear life, when the 
chamfering operation leaves notches 
near the roots of the teeth. Ail sharp 
edges or irregularities, such as cutter 
marks, are points of stress concentra
tion. The extent to which such concen
trations should be avoided depends upon 
the cost of their removal to obtain the 
1equired durability as compared to the 
cost of increased gear size. 

Six varieties of alloy steel, each with 
its own heat treatment, are represented 
in the lot of gears plotted in Figs. 1 

Fis, 10 - Sketch 
lllustratins t w o 
method, of •vold
lns eoncentrated 
load at the weak 
end of the teeth, 

Fig. _ 9 - Helical 
gean in mesh, 
showlnc concen· 
trated load on 
teeth due to helix 

aqle errol'I, 

Although the vari~ties of steels 
used in these tests and the number of 
gears represented by some of the steels 
tested is not lal'ge, there is little indica
tion that any one is better or worse 
than any other in resistance to fatigue. 
This is in agreement with the findjngs 
for spiral bevel gears, in which the 
same comparison was possible on a 
larger number of steels and heat treat
ments, and justifies the conclusion that 
steel for transmission gears should be 
selected for uniformity of warpage in 
heat treatment, machinability and cost. 
Although experience with spiral bevel 
gears had indicated that no appreciable 
difference could be expected among or
dinary carburizing gear steels, the 
present tests permit comparison . of 
gears made of carburized and uncar
burized steels. Three of the steels used 
were carburized and three were un
carburized. There is a very slight dil 
ference in the position of these steel 
types relative to the average fatigue 
curve, the carburized gears being some
what higher. This, however, cannot be 
regarded as evidence of the superiority 
of carburized gears, since these mate
rial's were used in a different transmis
sion and were produced by a different 
techniqi-~. 

The large variations of automobile 
gears in resistance to fatigue are due 
to mechanical differences and not to 
metallurgical differences, assuming that 
good metallurgical practice has been 
followed. It is cµstomary for the en· 
gineer to look upon the metallurgist as 
a sort of medicine man who can cure 
his design ills by metallurgical witch
craft. This belief has been encouraged 
by a large part of the metallurgical 
profession by the too literal application 
o! laboratory test data on ideal speci
mens to rou&'hly finished and irregular 
machine elements. The engineer has 
often failed to appreciate that the re
sponsibility for producing good designs 
is his own, because he has not realized 
the importance of such "tremendous 
trifles" as stress concentrations on the 
durability of machine parts as have 
heen discussed in connection with heli
cal gears. 



T HE m e t h o d 1.1 for calculating 
stress in helical automobile trans
mission gears used for fatigue 

chart, Fig. 1, and for spiral bevel gears 
used for fatigue chart, Fig. 4 (see also 
"Factors Influencing the Durability of 
Spiral Bevel Gears" AUTOMOTIVE IN· 
DUSTRIES, Nov. 16 and Nov. 23, 1935) 
are described below. The term "bending 
stress" used in these descriptions is not 
to be interpreted as actual bending 
stress, but as a figure proportional to 
the true stress which gives a measure 
of the endurance strength in terms of 
the design factors. The justification 
for the use of these methods of stress 
computation lies in the fact that the 
bending stresses so-called, when plotted 
on logarithmic graph paper against 
the actual life of many failed gears, 
give a straight line, from which it fol
lows that the life of such gears can be 
predicted with reasonable accuracy. 

Fig. 11 (A) . shows a gear in the 
virtual plane, that is, the plane of rota
tion. However, this method of cal
culating the bending stress on helical 
gears involves . a layout in the normal 
section which is represented by a plane 
through G-C', Fig. 11 (B). This is a 
plane normal to the tooth as shown 
by the section G-G', Fig. 11 (C). 

12 

c 

Fi1, 12 - La7oat 
in normal IC!Ction, 

G 

A B c 
Fi1, 11-A, Virtual .ection or plane of 

rotation. 
B ••••• 
C. s..etion G-G' or normal eec

tion. 

PR-, Fig. 11 (C), is the pitch radiUB at the 
point }' in the normal section and is given by 

PR.. = PR.+ coa1A, 
in which 

PR • ... pitch radius in the plane of rota
tion, Fig. 11 (A). 

A ·- helix angle at the pitch circle Fig. 
11 (B). 

hi the normal section, Fig. 11 (C), the 
bl&Be radius, A, is determined by the ex
pl'e88ion 

A - P& X cos a 
a • normal preesure angle. 
c and d are, addendum and dedendum, 

respectively, as shown in Fig. 11 (A). 
They are unchanged when referred to 
the normal section. 

Fig. 12 shows a layout in tlie normal 
section, the sarue as Fig. 11 (C), drawn 
ti) an enlarged scale. The construction 
Unes are drawn in the order of the 
small numerals in. Fig. 12. The scale 
of the !ayout is made as large as is 
practical. 

(1) and (2) • center lines of the gear. 
(3) - pitch circle whose radius - P& 
(4) - base circle whose radius • A 
(5) - root circle whose radius - P&-d. 
(6) • addendum circle whose radius • 

P&+c 
(7) - line o! action 
(8) - normal to the line o{ action 



The stress is computed with the 
le.ad applied at the tip of the tooth. 
Consequently, the intersection K of the 
line of action with the addendum circle 
is' the top of a tooth flank. The involute 
profile of the tooth is shown in Fig .12 
for the purpose of illustration. 

In order to determine the maximum 
stress in the tooth, it is necessary to 
construct the fillet (9). The fillet is 
generated by rolling the cutteT rack on 
the pitch circle of the gear. Fig. 13 
shows the process of generating the 
fillet. The initial position of the rack 
is shown in heavy lines. The successive 
positions of the rack are obtained by 
a slight rotation of the rack pitch line 
about the point of tangency. The ac
curacy of the entire calculation de
pends on the accuracy with which this 
fillet is generated. After generation, 
the fillet is drawn by connecting the 
points marked by (H) on the ·layout. 

Referring again to Fig. 12, from the 
point J, half of the tooth thickness at 
the ·pitch line is laid off, and the tooth 
centerline 1_0 · is drawn. 

Through the intersection O of the 
tooth centerline and the line of action, 
the nor;nal 11 is erected. The point of 

maximum stress is now found by draw
ing the line 12 tangent to the fillet and 
cutting the line 11 at Z and line 10 at 
S, such that DZ = ZS. The point of 
tangency D is the point of maximum 
stress. From this point DV is drawn 
normal to the centerline 10. OD is 
drawn and DU is drawn normal to OD. 
UV is then the X factor used in the 
stress equation: 

3rT S=--------N X F X N. XX 
in which 

S = bending stress on the tooth 
T = applied torque on driving gear, 

in lb-in. 
N = number of teet.h in driving gear 
F = face length of gear being calcu

lated 
N. = length of action in the plane of 

rotation (see F'ig. 14). Thif:. is 
not i'n the plane of the layout 
shown in Fig. 12 

N. .,;OW,,. - PW,,. X cos2q, + 
../OK',. - PK',. X coss,i, -
(PR,,. + PR,.) sin r1> 

OR,,. = outside radius ef pinion in the 
plane of rotation 

F'ig. 13-Genera· 
lion of tooth fillet. 

PR,, • ., pitch radius of pinion in the 
plane of rotation 

OR,. = outside radius of gear in the 
plane of rotation 

PR,. = pitch radius of gear in the plane 
of rotation 

q, = pressure angle in the plane of 
rotation 

t11.nq, = tan a+ cost. 
X -= tooth-form factor from layout = 

UV (Fig. 12) 

The stress on the mating gear is 
calculated in the same way. 

If one gear is appreciably wider 
than its mate, it has been found satis
factory to consider it a maximum of 
1h inch wider than its mate. 

In cases where the ends of the teeth 
are chamfered, the chamfer is neg
lected. 

Note that in the procedure that has 
been followed, only the point J on the 
gear tooth flank has been used. Hence 
there is no need to draw the involute. 
Point J can be located during the gen
eration of the fillet by marking the 
point where the flank of the rack tooth 
passes through the point of tangency 
of the pitch lines of the gear and rack. 



F~. 14-1.ength 
of action in plane 

of rotation. 

If the tooth thickness is given at a position 
other than at the pitch line, a short section 
of the tooth flank can easily be drawn by 
striking an arc through the point J, using 
as a center the point of tangency of a line 
through J tangent to the base circle. 

In this method of computing the 
stress on helical gears, the load is as
sumed to be distributed uniformly on 
1lll teeth in contact. 

The method of computing. the bending 
stress in spiral bevel gears used for the 
fatigue chart, Fig. 4, involves a layout 
in the virtual section of the gear and . 
pinion. The virtual section is· a plane 
normal to the coincident pitch cone ele
·ment.s of the ge&l' and pinion. The lay-

Fig. IS-A.Diagram· 
matic sketch of gear 
and pinion. B. Vir· 

tnal section. 
A 

out is made at the large end of the gears 
using the nominal spiral angle; that is, 
the spiral angle at mid-face. Usually, 
the dimensions are given at the large end, 
with the possible exception of tooth thick
ness, which will be discussed later in this 
report: 

In Fig. 15, t~e virtual section P888e8 
through the line C-C', and is normal to 

the plane of the paper. C-C' is normal 
to the coinciding element.a of the gear 
and pinion. 

Referring to Fig. 15 (A): 

R, - normal pitch radius or gear at the 
large end 

R, = normal pitch radius of pinion at 
the large end 

N,. 14 = --R, N, 
NP = number of teeth in pinion 
N, = number of teeth in gear 

P = face length of gear and. pinion, in. 
fJ = pitch cone angle of pinion 

14 N,. 
tan fJ = -- or tan fJ -= --R, N, 

L ,.. pitch cone distance 

R,. R, 
L = --- or D = ---

sin fJ cos fJ 

It can be seen from Fig 16 (A) that 
the center of the gear pitch line in the 
virtual section lies at the intersection 
of the gear axis with the line C-C' ex
tended. With bevel-gear ratios com
mon to automobile practice, the virtual 
pitch radius of the gear is so much 
greater than that of the pinion that the 
gear is considered to be a rack. 

Fig. 15 (B) is a projection showing 
the virtual section in which the lay-

B 

out is made. In this layout, the pitch 
radius is equal to the back cone distance 
of the pinion. This radius is: 

14, = R,. + ~fJ 
In making the layout, it is neceeanry to 

determine the following dimensions in the 
virtual section: 

Virtual pressure angle, t/> 

Base radius of the pinion in the virtual 
section, A,.. 

Circular pitch, P 
Addenda and dedenda of gear and pinion 
Tan t/> • tan a + COB A 

a • normal pressure angle 
A - spiral angle 

A,.. - R,.. COB t/> 
p ... 2rRp 

N,. 



The circular pitch, addenda and de
dena, are U'DChanged when converted 
mto the virtual section. 

A convenient method of laying out 
the involute profiles of the pinion tooth 
is to uae an involute template. The 
template is generated from an arbi
trary base circle (say 10 inch base 
radius) and can be used for practically 
any spiral bevel layout. 

In order to convert the scale of tiic 
layout into the scale of the involute 
template, it is necessary to divide the 
base radius of the involute template 
by the virtual base radius of the pinion 
to be calculated. This gives the mag
nttication factor, M. 

M = Base radius of template 
A,.. 

All the dimensions of the layout must 
be multiplied by this magnification 
factor to convert them into the scale 
of the layout. 

Fig. 16 shows a layout of the gears 
shown in Fig. 15. All of the dimen
sions are the same as in the projection 

Fis, 16-I..yout 
in nrtual 11eetion. 

in Fig. 15 (B) except that they have 
been enlarged by the magnification 
factor, M. The construction of the 
lines in the layout is made in the order 
of the small numerals in Fig. 16. 

(1) and (2) = center lines of the pinion 
(3) = pitch circle whose radius = R.p. 
(4) = base circle whose radius "" A,.. 
(5) = TOot circle of pinion whose radius 

= R,.. - dedendum of pinion 
(6) = addendum circle of pinion whose 

radius = R.p, + addendum of 
pinion 

(7) -= line of action 
(8) "" normal to the line of action 
(9) .. root line of gear 

(10) - pitch line of gear 
(11) = addendum line of gear 

The position of the teeth is deter
mined by the intersection G of the line 
of action 7 and the addendum line of 
the gear, 11. This point is the begin
ning of action, or the point at which 
one pinion tooth is just starting to 
share the load .vith the preceding 
tooth. The flank 12 of the gear rack 
is now drawn through G, normal to 
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the line of action. The distance to the 
next rack tooth flank, 13, is equal to 
the circular pitch measured along the 
pitch line 10 of the rack. 

Now it is necessary to know some
thing about the thickness of the teeth. 
A convenient way of finding tooth 
thickness is to use the width of the 
tip of the gear cutter. This dimension 
is usually given on the detail print 
of the gear. It is referred to 
as "spread" or "finishing tool point 
width". Let us ca11 it B,. From this 
dimension the width of the gear tooth 
space at the root of the tooth is found. 
Since the dimension il:l given as of the 
cutter, it is normal to the tooth, and 
consequently it must be 'converted into 
the virtual section. Fig. 17 shows a 
diagrammatic view of a portion of the 
gear showing a tooth space at the root. 
The normal width of the space is shown 
as B,. In the virtual section the width 
of this space is B,, 

Ba - B1 +cost. 

This gives the width of space at the 
middle of face or mean virtual section. 
Since the layout is made at the large 
er.d, this thickness must be transferred 
to conform with the other dimensions. 
This is done by increasing the space 
proportional to the distance from the 
apex. 

The space at the large end then be
comes: 

L 
B = B, X----

L--F-
2 

or, in terme of B1 : 
Bi 

B = ---~-~ 
(1 - F) 

2L 
cos A 

I SECTION D - D' 

I 

--·-+·-
Fis, 17--ConYenioa of sear tooth 

apace Into Yirtual 11eetion, 



This dimension, after being con
verted into the scale of the layout, is 
laid off at the root of the gear raek 
as shown in Fig. 16. The opposite side 
of the gear tooth space, 14, is now 
drawn. 

The contacting face 16 of the pin
ion tooth is drawn tangent to the gear 
tooth flank 13 at J, where the line of 
adion -crosses it. Then the other aide 
of the pinion tooth, 16, is drawn, al
lowing for backlash. 

In order to determine the point of 

Fig, 18--Genera
tion of tooth fillet. 

maximum stress iii tooth 16-16, it is 
necessary to construct the fillet 17. 
The fillet is generated by rolling the 
cutter rack on the pitch circle of the 
pinion. Fig. 18 shows the process of 
generating the fillet. The cutter rack 
i11 the same as the gear rack, except 
that the end of the cutter rack tooth 
extended is tangent to the root circle 
of the pinion. The initial position of 
the cutter rack is shown in heavy lines. 
The successive positions of the rack 
are obtained by a slight rotation of the 
rack pitch line about the point of tan
gency. This must be done with care 
because the accuracy of the entire cal
culation depends on the accuracy with 
which this fillet is generated. After 
generation, the fillet is drawn by con
necting the points marked by H on 
the layout. 
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Referri,ng again to Fig. 16, the cen
terline. 18 of the pinion tooth is now 
drawn, and through its intersection O 
with the line . of action, the normal 19 
fr erected. The intersection point O is 
the point of application of the load on 
the tooth centerline. 

The point of maximum stress is now 
found by drawing the line 20 tangent 
to the fillet and cutting the line 19 at 
Z and 18 at S such that DZ = ZS. The 
point of tangency D is the point of 
maximum stress. From this point DV 
is drawn normal to the centerline 18. 
OD is then drawn, and DU is drawn 
normal ta OD. UV is then the X fac
tor used in the stress equation: 

1.5 w,. s.,, =------
,.. X N XX.,, 

ir1 which, 

u' 

E 
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Fig, l9--Detern1-
ination of gear 
tooth X factor. 

1V • = applied I oad at the point of ap
plication, 0 
T 

w.=R 
T = applied torque on pinion in lb-in. 
R = rad,ius to point of load application, 

converted into the norma 1 plane 
R = OE X cos fJ 

OE = distance from center E to point of 
load application O 

F = face length, in. 
N = modification factor for distribu

tion of tooth load for spiral bevel 
gears 

F /i'Z 
N=l--+-

L 3V 
X.,, = tooth form factor taken from lay

layout 

The stress on the gear tooth is cal
culated on the same basis as that of 
the pinion tooth, and the X factor can 
be found by using the same layout. 
Fig. 19 shows the construction for find
ing the X factor. For the purpose of 
illustration, the construction lines for 
the pinion stress have been eliminated, 
but no difficulty should be encountered 
in the actual layout with all construc
tion lines intact. The position at which 



one tooth ceases sharing the load is 
found by the intersection Q of the line 
of action with the addendum circle of 
the pinion. The stress is calculated on 
the next tooth, the contacting flank of 
which is at a distance of one normal 
piteh from the point of intersection Q 
along the line of action. The normal 
piteh is JG in Fig. 16 and can be trans
f~rred to the new position, using a pair 
of dividers. The tooth flank 24 is drawn 
normal to the line of action, and cut
ting the root line at D'. D'V' is made 
equal to half the tooth thickness at the 
root, which can be scaled from the gear 
tooth as shown in Fig. 16. 

Th• centerline 26 of the tooth is now 

drawn, intersecting the line of action 
at O'. O'D' is then drawn and U'D' 
normal to it. U'V' is the X factor for 
the gear. 

The stress on the gear ii; 

S 
1.5 w • . , "' 

. F X N XX, 

The load W g on the gear tooth is 
equal to the tangential load at the 
pitch line, or 

I
~ T 

I ·,=--
Rr 

In some cases, where the gea1· has a 

large pressure angle and long teeth, 
the maximum stress is not at the root 
of the tooth. The stress is maximum 
at the point where the tooth thickness 
is twice the thickness of tlie tooth at 
the point of load application on the 
tooth centerline. If this point falls 
deeper than the root, of course, the 
maximum stress is at the root. 

In this method of computing the 
stress on spiral bevel gear teeth, the 
load is assumed to be carried by one 
tooth. This is in contrast with the 
foregoing stress calculation on helical 
gear teeth, in which the load is assumed 
to be distributed uniformly on all tht
teeth in contact. 




